This paper presents an investigation of Cylinder De-Activation (CDA) technology on the performance of big end bearings. A multi-physics approach is used in order to take into account more realistic dynamic loading effects on the tribological behavior. The power loss, minimum film thickness and maximum temperature of big end bearings have been calculated during maneuver pertaining to the New European Driving Cycle (NEDC). Results show that bearing efficiency runs contrary to efficiency gained through combustion and pumping losses. Under CDA mode, the power loss of big end bearings is more than the power loss under engine normal mode. The problem is predominant at higher engine speeds and higher Brake mean Effective Pressures (BMEP) in active cylinders. It is also observed that the minimum film thickness is reduced under the CDA mode. This can affect wear performance. In addition, same behavior is noted for the maximum temperature rise which is higher under CDA.
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Introduction
The over-riding objective in modern engine development is fuel efficiency. This has led to a host of pursued measures, including down-sizing (a lower number of cylinders), high output power-to-weight ratio, variable valve activation or cylinder de-activation (CDA), as well as a gradual trend towards mild or micro-hybrid technology. Furthermore, the main aim is to use a suitable combination of the aforementioned methods with various driving conditions in order to reduce thermal and frictional losses as well as meeting the ever stringent emission directives as outlined in the NEDC. Another imperative is to ensure good NVH refinement which can be adversely affected by application of some of the above trends, such as light weight constructions [1] and exacerbated power torque variations with CDA. The highlighted issues affect the entire load bearing conjunctions in an engine. In particular, increased load fluctuations with CDA can also affect the big-end bearings.
CDA is seen as effective at low and partial engine loading conditions [2] . These conditions represent idling or low speed crawling in congested traffic, which progressively represent a greater proportion of everyday driving. The obvious benefit of CDA is fuel economy as the result of reduced pumping losses.
There are further benefits due to increased exhaust temperature under partial loading, yielding improved aftertreatment efficiency for diesel engines which helps the threeway calalyst technology [3, 4] .
Engine order vibrations are the direct result of unbalanced inertial force and induced power torque which is a function of cylinder pressure [5] . When a cylinder is deactivated, all its intake and exhaust valves remain closed. This means that a volume of previously trapped air or the exhaust gas charge is retained within a deactivated cylinder. Therefore, cylinder-tocylinder pressure variation, exacerbated by CDA can lead to engine order vibration that would have been otherwise removed with the full engine operation through suitable cylinder phasing and firing order [5] . Therefore, the use of CDA is somewhat limited by the NVH refinement because of the resulting greater fluctuations in the output power torque [2, 6] . Douglas et al. [7] studied the effect of CDA mode in comparison with the normal engine mode during the NEDC cycle. A suitable region for the CDA operation was determined based on the BMEP. Results showed significant fuel improvement and emission reduction using the CDA technology.
To improve bearing stability, stiffness characteristics and load carrying capacity, the bearings are made in non-circular geometry (elliptic/lemon-shaped or multi-lobed), thus encouraging formation of multi-convergent wedges along the bearing periphery [8] . This action also reduces undue variations in the operating eccentricity, thus aiding bearing stability with increasing fluctuating loads in modern engines with a lower number of cylinders.
The first important aspect to take into account is the dynamic nature of big end bearing response under fluctuating loads. Bates et al [9] presented an experimental investigation and a theoretical model for dynamically loaded big end bearings. They neglected the effect of any distortion or lubricant cavitation. Conway-Jones et al [10] presented a numerical model for thermal analysis of big end bearings. They included the effect of bearing distortion through inclusion of bearing shell flexibility using finite element method. Aitken et al [11, 12] investigated dynamically loaded big end bearings, assuming elastohydrodynamic contact conditions. These conditions usually occur with overlay bearings where several layers of soft (low elastic modulus materials) are rolled upon the parent Page 2 of 8 bearing bushing substrate in order to encourage localized deformation in the high pressure wedge region [13, 14] . In fact, the pressures may be sufficient to deform the layers, but not usually of sufficient magnitude to induce piezo-viscous action of the lubricant itself. These conditions are often referred to as iso-viscous elastic or soft elastohydrodynamics [13] . A thin hard layer such as bismuth or indium is often coated on the overlay to resist wear of contacting surfaces when a thin film results, such as under start-up conditions or at low speeds [14] . Many analyses ignore the effect of overlay or the hard wear-resistant coating in the calculation of friction.
Other investigations of big end bearing dynamic response include the work of Boedo [15] , who investigated film thickness and pressure distribution under dynamic oscillating conditions. Bonneau et al [16] also presented a numerical procedure, based on Newton-Raphson iterations. They included the structural deformation in an elastohydrodynamic analysis with the inclusion of lubricant cavitation. A multi-body dynamics approach, including the effect of soft overlay or thin shell construction, using the analytical column method approach for calculation of deformation was reported by Rahnejat [17] for a single cylinder engine for crankshaft circular bushing main support bearings under isothermal conditions. This approach was extended by Balakrishnan et al [14] for overlay crankshaft bearings, taking into account shear heating of the lubricant film. They included the effect of complex direct and moment loading with various cylinder firing in a compact 4-cylinder engine. It was shown that one repercussion of soft thermoelastohydrodynamics with low loads was the adverse journal stability. Another repercussion was thin films under heavy loads, resulting in direct interaction of the surfaces. Mohammadpour etal. [18] investigated the effect of CDA on big end bearings. They took into account the effect of system dynamics on the tribological properties at constant low speeds. Their results showed that unlike the general efficiency of engine, inefficiency in bearings due to frictional losses worsened with the application of CDA. The current work is an extension of that investigation for monitoring these effects in a more realistic driving cycle.
The current paper concentrates on the issues that affect the big-end bearing thermo-frictional characteristics during the NEDC cycle. The predictive approach, which is critical in multivariate problems of this kind includes the determination of regime of lubrication under fluctuating loads and frictional characteristics contributed by both elastohydrodynamics of the bearing overlay as well as boundary friction as the result of asperity interactions. Predictive results include applied dynamics, contact kinematics, frictional power loss, maximum lubricant temperature and minimum film thickness variations during the NEDC. The difference between the CDA mode and the normal operation mode (all active cylinders) has been investigated. These show that the general benefits accrued through fuel efficiency do not necessarily conform to improved big end bearing frictional efficiency.
METHODOLOGY

Applied loads
Big end bearings are subjected to transient applied loads as the result of the varying in-cycle piston kinematics (thus inertial loading) and the combustion pressure. For a typical cylinder the inertial force along the axis of the piston is [5] :
where engine order vibrations up to the second engine order are considered for the 4-cylinder 4-stroke engine [5] , and is the equivalent mass in translation, which is that of the piston, the gudgeon pin and a proportion of the mass of the connecting rod in pure translation, . This is obtained by assuming the single cylinder geometry as a two degrees of freedom system; one in translation and the other in pure rotation. Hence:
, where [5] :
where, is the weight of the connecting rod.
The applied combustion force on the big end bearing is obtained in terms of the instantaneous connecting rod obliguity angle as [5] :
where:
Therefore, the total load applied on the bearing is expressed as:
This represents the maximum direct transient applied load which is carried by the big end bearing at any instant of time.
There is also smaller moment loading contribution from the adjacent cylinders, ignored in the current analysis. A detailed bearing loading analysis is provided by Balakrishnan et al [14] .
Ideally, the applied load is carried by a lubricant film formed in the journal-bushing conjunction (i.e. the elastohydrodynamic reaction). However, a coherent film of lubricant is not always assured due to the transient nature of engine operations (loadspeed combination as well as stop-start conditions). Hence, some of the applied load is carried by the direct contact of surfaces, usually a small portion of the rough topography of the crank-pin and the bushing surface (i.e. the asperities load share). The latter is usually overlaid with a sandwich of soft and hard layers which also deform locally as the result of conjunctional pressures, conditions which are referred to as soft elastohydrodynamic [13] . Therefore:
where, is the attitude angle.
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The elastohydrodynamic reaction is obtained as:
The total asperity or boundary load for the bearing area is a function of surface roughness. For an assumed Gaussian distribution of asperities, according to Greenwood and Tripp [19] :
The statistical function is a function of Stribeck oil film parameter , where is the composite root mean square roughness of the contiguous surfaces. More detail is presented in [20] [21] . According to [19] , the roughness parameter is reasonably constant with a value in the range of 0.03 to 0.05 for steel surfaces. The ratio ⁄ is a representation of the average asperity slope [13] and is in the range to [19] .
Elastohydrodynamic conjunction
Generated lubricant pressures
In order to obtain the hydrodynamic load carrying capacity in equation (7) the generated instantaneous pressure distribution in the bearing should be obtained using Reynolds equation:
where: is the speed of lubricant entraining motion into the bearing conjunction in the circumferential direction x (viewed as unwrapped:
) and V is the velocity of any side-leakage flow along the bearing's length, z along the axis of the crank pin. The ultimate term on the right-hand side of the equation is lubricant entrapment in a dynamically converging gap, referred to as the squeeze film motion. The conjunctional gap shape (i.e. film thickness, h) and the variation of lubricant dynamic viscosity  are required for the solution of equation (9) .
The boundary conditions, at the inlet wedge and the ends of the bearing are assumed to be:
. At the exit of the loaded region, the Reynolds boundary condition is used, therefore:
and .
Lubricant rheological state
The lubricant viscosity increases with pressure and reduces with temperature. Its rise with pressure is a function of the product where  is its piezo-viscosity coefficient, which is m 2 /N for most engine oils. Pressures in the conforming contact of engine bearings are usually of the order of a few to tens of MPa. Thus, the product p<<1, and the conditions are considered to be iso-viscous. This equation brings some approximations because of neglecting the piezoviscous effect effect which can be important in the case of highly loaded bearings. The effect of pressure on viscosity in the engine bearings is discussed in detail in [22] . In the current work the variation of lubricant viscosity with temperature is presented as [13] : (10) where, is the lubricant dynamic viscosity at a given temperature, such as the bulk temperature at the bearing housing,
, and is the viscosity-temperature coefficient.
T  is the rise in lubricant temperature from that in bulk.
Conjunctional film shape
Referring to figure 1, for an elliptic-bore journal bearing the film thickness is obtained as:
where, , and ( Figure 1 ).
where and are the lateral excursions of journal centre from the geometric centre of the bearing bushing (radial eccentricities) at any instant of time:
and (12) where is the eccentricity and is the journal attitude angle relative to the vertical radial direction (Figure 1 ).
The term in equation (11) represents the deflection of the soft bearing bushing overlay. The conforming nature of journalbushing contact and the low elastic overlay, such as Babbitt (A Tin based alloy) or copper means that the local deflection of the bushing surface at any given location may be considered to be almost entirely due to an assumed column of local pressure directly orthogonal to it. Using the tri-axial state of stress-strain for a compressible shell material subjected to internal pressure and noting that for plane strain contact mechanics problems the compressive contact stress equates the localised pressure (i.e. the column method), Rahnejat [17] showed that: (13) where is the shell or overlay thickness (in this case the thickness of the soft Babbitt layer of the bushing overlay) and and are the Young's modulus of elasticity and Poisson ratio of the layer.
Thermal analysis
An analytical method based on a control volume approach described in Mohammadpour et al [18] is used in the current study to calculate the average temperature rise for the lubricant passage through the contact as well as the rise in the temperatures of the bounding surfaces; the journal and the bearing bushing.
Within the contact, the rate of heat generation through viscous shear of a film of lubricant is:
where is the viscous friction torque:
Note that the shear stress arises from hydrodynamic shear as well as asperity interactions [20] :. (16) where the hydrodynamic shear is:
and the boundary shear is [20] : (18) comes is obtained from equation (8) . Also: (19) and are lubricant properties. is a statistical function of the Stribeck's oil film parameter . Therefore, the asperity interaction is taken into account using these statistical methods and based on the operating conditions, lubricant and surface properties.
Part of the generated heat in the contact is dissipated through the bearing bushing, ̇ and the journal, ̇ . The remainder is carried away by the lubricant through convection, ̇ . The film and surface temperatures can be obtained using the following heat balance (more detail is presented in [18] :
Friction in mixed regime of lubrication
As already noted in the Introduction one key aim of any analysis of engine bearings is prediction of frictional power loss. In bearings, friction is mainly generated due to viscous shear of a lubricant film, entrained into the contact. Additionally, when the thickness of lubricant film is insufficient to completely separate the contacting surfaces, friction is also generated by interaction of rough features on the contiguous surfaces (boundary friction). Therefore, in mixed/boundary regime of lubrication, friction at the tip of asperities must be taken into account. The method presented in [18] [19] [20] has been used here in order to determine asperity friction. 
RESULTS AND DISCUSSION
A C-class passenger car is used in the current analysis. Engine and vehicle data are the same as in [6] . Connecting rod data are presented in Table 1 . Tables 2 and 3 present bearing and lubricant properties. A sweep of 400 second during NEDC is taken into account in order to monitor the bearing behavior. The cycle has been assumed at a warm surrounding temperature and the transient temperature rise through the NEDC full cycle is neglected. Therefore, the surrounding boundary temperature is assumed at the constant value of 80 C. All simulations have been performed considering two conditions: first the engine normal mode with all cylinders being active and second the CDA mode. In the CDA mode half of the cylinders are active at a higher pressure and the other half are deactivated with closed valves. In order to obtain the combustion force, BMEP is required during acceleration. The BMEP for normal engine operating mode versus vehicle speed is presented in Figure 3 . In addition, equivalent engine speed and selected transmission speed are presented on the same figure for gear changing points. This figure shows that unlike vehicle speed which is always within the NEDC speed range (relatively high or relatively low); the engine speed progresses from 797 rpm at idle to 2427 rpm at the highest speed in the NEDC range. In this paper terms "high speed" and "low speed" refer to relatively high and relatively low speeds in the NEDC range. Conditions shown in figure 3 are taken from [7] . It should be noted that different transmission gears are active with different driving conditions. During the simulation process, the vehicle speed is taken from the NEDC at any point. Then, the engine rpm as well as BMEP are taken from the source data of figure  3 . Subsequently, the full applied load and bearing performance modeling can be performed. Figure 4 presents the total power loss in the big-end bearings for the normal engine operating mode and that with the CDA. It shows that at lower speeds, the power loss for the normal engine mode and the CDA mode are very similar. However, at higher speeds with the bearing supporting a higher combustion loading, the power loss is 5% more in all the big end bearings. This contrary to the desired efficiency gains with CDA. However, the net value of this power loss is low in comparison with the efficiency improvements in engine combustion, but can be avoided using bearing design parameters such as supply pressure and preloading. By changing the preload factor, the load carrying capacity can be improved and lower elastohydrodynamic films can be partly avoided. Alternatively, the higher supply pressure can dissipate more thermal energy and reduce the film temperature which in turn would lead to thicker films and better hydrodynamic load carrying capacity. This approach may be used to reduce the lubricant viscous shear and thus reduce the ensuing power loss. Page 6 of 8 Figure 5 shows the minimum film thickness for the big end bearings. They are presented for both normal and the CDA modes. It shows that the film thickness in the active cylinders, which are subjected to the highest pressure loading is quite low in comparison with that under the normal engine mode. The minimum value in this case study is around 1 . Therefore, the conditions are those of mixed regime of lubrication. This is one of reason for a greater frictional power loss due to asperity interactions. Another impact of this low film thickness can be wear and durability of bearings under the CDA mode. Table 4 provides the boundary friction torques at the points A, B, C and D in figure 5 . These results show that the higher power loss (figure 4) happens with the thinner film thickness (figure 5) and presents a greater incidence of asperity friction. Table 5 provides the maximum pressure values at points A, B, C and D in figure 5 . These results show that the pressure value may exceed 100 MPa in the active cylinder. This result is in line with the values in [22] . Therefore, in a future study the piezo-viscous action leading to increased viscosity should be taken into account at relatively high applied loads. Figure 6 shows the maximum lubricant temperature for the normal engine operation mode as well as with the CDA for both active and deactivated cylinders. These follow the power loss. At lower speeds the temperature rise is close to the engine normal operation mode. However, at higher speeds, the CDA mode shows a 40% temperature rise. This finding is in line with observed practice and remains a source of concern for the application of CDA.
Summary/Conclusions
The paper presents a multi-physics model including dynamics and tribology of big end bearings. The effect of CDA technology has been studied on the big end bearing as one of the components, affected by the use of CDA. The results show that unlike improvements in fuel usage and reduced accessory losses, the bearing power loss worsens in the CDA mode. This can be explained through the generation of thinner lubricant films due to higher load in active cylinders. In addition, two pressurized region in deactivated cylinders (double the combustion frequency) causes two region of smaller film thickness leading to regions of increased shear. Therefore, generally higher hydrodynamic shear as well as more asperity interactions occurs with CDA technology. However, the net value of this power loss is quite low in comparison with the efficiency improvements in engine combustions with the CDA. However, the same trends may also occur in other engine load bearing conjunctions as well, such as in the piston assembly. Therefore, in-depth analyses such as that described here should form part of the engineering process. In addition to the frictional power loss, other design concerns such as shaft bending and misalignment should also be investigated in future research. The predicted losses can be avoided by redesigning the conjunctional components based on the new CDA technology. For example, by changing the preload factor, the load carrying capacity can be improved and thinner films can be partly avoided. Higher supply pressures may also dissipate some of the generated thermal energy, thus reducing the film temperature, enhance viscosity and load carrying capacity. These in turn would reduce viscous shear and friction as well as reducing the chance of boundary interactions.
